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Abstract: Experiment and numerical analyses were conducted to study the
thermal performance and circulation characteristic of the working fluid of a
T-shaped vapor chamber special designed for the motorcycle LED light. The
influences of heat loads and cooling magnitude were experimentally
investigated. Results show that both the heat loads and cooling conditions
have strong influences on the thermal performance of the vapor chamber, and
the thermal resistance in the extended section occupies over 75.8% of the
overall thermal resistance of the vapor chamber. Simulation results indicate
that large pressure drop occurs along the extended section of the vapor
chamber, and causes large temperature difference along the extended section.
Keywords: vapor chamber; pressure drop; heat transfer; thermal resistance;
numerical analysis; heat conduction

Introduction
Vapor chamber (VC) has been an excellent candidate for solving the thermal management
problems in many industries, such as electronic systems. VCs can swiftly spread heat from a hot spot to
the surroundings. Studies of the influences of inner structure on the thermal performance of the VCs
have been conducted by many researchers. Li Yong et al. [1] experimentally investigated the
manufactured copper water vapor chambers with two wick structures. Their results showed that vapor
chambers with copper foam wick structures exhibit good temperature uniformity and vapor chambers
with copper powder exhibit low thermal resistance. A study conducted by M. Reyes et al. [2] was
proposed on the behavior of a vertically placed vapor chamber based heat spreader intended for avionics
applications. A mini-evaporator area made up of an array of mini-fin-pins was implemented for
enhancing the boiling inside the vapor chamber. The experiment results showed that from the heat
transfer standpoint, vapor chamber heat spreaders were always more efficient. Other studies focus on
the effect of the wick structures could be seen in Ref. [3-10]. The vapor space height, evaporator section
structure and the fill ratio of working fluid have also been considered in other studies. C.-K. Huang et al.
[11] fabricated and tested the vapor chambers with five different vapor space heights. They found that
the vapor chamber achieved the optimum design when the hydraulic diameter ratio was greater than 0.6.
Te-En Tsai et al. [12] experimentally investigated the influence of heating power, fill ratio of working
fluid, and evaporator surface structure on the thermal performance of a two-phase vapor chamber
system for electronic cooling. The results suggested that either a growing heating power or a decreasing
fill ratio decreased the overall thermal resistance, and the surface influenced the evaporator function
prominently.
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Numerical analysis is an effective method for analyzing the hydrothermal characteristics of the
vapor chamber. In the study of Faghri et al. [13], the vapor core was treated as a single interface between
the evaporator and condenser so as to avoid dealing with the two-phase problem, and only the heat
conduction between each control volume is considered. Similar method is also seen in the studies of
Chen et al. [14] and [15], and Lu et al. [16]. Their method (Ref. [13-16]) is very easy to use, very time
efficient and agrees well with the experiment results. In the work of Vadakkan et al. [17], a three
dimensional model to analyze the transient and steady-state performance of flat heat pipes subjected to
heating with discrete heat sources is proposed. Vapor flow, temperature and hydrodynamic pressure
fields are computed from coupled continuity/momentum and energy equations in the wick and vapor
regions. Their analysis highlights the importance of considering axial diffusion through the wall and
wick in determining the temperature distribution in flat heat pipes.
Above all, the influences of VC inner structures on thermal performance of VCs have been
studied by many researchers. Since the outer shape of VCs must fit the components that need heat
dissipation, the outer shape thus may also influence the heat transfer performance of VCs. However,
studies as stated above rarely considered the influences of the outer shape of VCs. In this paper, the
thermal performance of a T-shaped vapor chamber (TSVC) special designed for the thermal
management of motorcycle high power LED lights was studied experimentally. The influences of heat
loads and cooling capability of heat sink were considered. Numerical model has also been proposed
based on FLUENT [16, 18, 19], to investigate the thermal hydrodynamic characteristics of the working
fluid inside the TSVC. The results obtained in this paper could provide references on improving the
thermal performance of this T-shaped vapor chamber.
Thermal performance test
Thermal performance apparatus is shown in fig. 1. The apparatus for thermal performance test
were established for studying the thermal performance of this T-shaped VC. The photograph of the
TSVC is shown in fig. 2. Fig. 2(b) shows the operating mechanism of the TSVC. The TSVC is made of
copper and de-ionized water is used as the working fluid.

Fig. 1 Experiment apparatus for testing the T-shaped VC
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Fig. 2 Schematic diagram of the T-shaped vapor chamber
In the thermal performance test, two rod heaters embedded in the copper heating blocks (as shown
in fig. 3a) were used as the heating sources. Heat was transferred through the heat conduction blocks to
the evaporation section of the TSVC. Thermal silicone grease was applied between the heat conduction
block and the TSVC evaporation section to remove the air gap. Thermal conductivity of the thermal
silicone grease is 2.0 W/m ∙ K. Heating power of the rod heaters were varied by DC power supply
(ATTEN TPR3020S). The voltage applied on the rod heater was ranging from 5V to 14V in 3V
increments. As shown in fig. 3, the evaporation section was located at both sides of the extended section.
The heating area was 12.5mm × 15mm on each side of the extend section. The condensation section
was cooled by the heat sink with air fan. The fan speed was controlled by voltage regulator and DC
converter to vary the cooling air flow rate. The voltage applied on the fan was increased from 5V to 17V
in 3V increments. The ambient temperature is about 298 ± 1.5K. 19 OMEGA K-type thermocouples
(defined as T1 ~T19 ) and FLUKE 2638A digital data logger were used to measure the temperature at
different positions. Detailed location of thermocouples was also illustrated in fig. 3.

Fig. 3 Schematic diagram of the thermal performance of T-shaped VC

3 / 12

Based on energy conservation and Fourier heat conduction law, the temperature of evaporation
section of TSVC contacted with the heat conduction block is calculated and expressed as follows:
𝑇ℎ = 0.5{[𝑇3 − (ℎ3−ℎ /ℎ2−ℎ )(𝑇2 − 𝑇3 )] + [𝑇2 − (ℎ2−ℎ /ℎ1−2 )(𝑇1 − 𝑇2 )]} (1)
In eq. 1, ℎ𝑖−𝑗 is the length between the measurement point 𝑖 and 𝑗, 𝑖 = 1,2,3; 𝑗 = 2, h.The
subscript ℎ refers to the surface between the copper heating block and vapor chamber, as shown in fig.
3. The temperature of condensation section surface of the VC is set as the average temperature of the
five thermal couples located at the interface between the heat sink and VC, and is calculated as follows:
𝑇𝑐 = 0.2(𝑇7 + 𝑇8 + 𝑇9 + 𝑇10 + 𝑇11 ) (2)
The overall thermal resistance (𝑅𝑉𝐶 ) of TSVC is determined using the expression as follows.
𝑅𝑉𝐶 = (𝑇ℎ − 𝑇𝑐 )/Q (3)
Equivalent heat transfer coefficient of the heat sink 𝑘𝑐 is calculated based on the temperature
difference between the temperature of the condensation section surface of VC and the ambient.
𝑘𝑐 = Q/[𝐴𝑐 ∙ (𝑇𝑐 − 𝑇∞ )] (4)
Uncertainty analysis
The measurement error of the temperature data logger is 0.6K as presented in the manufacturer
instructions, while the measurement error of the thermal couples is 0.2K. Assume that the uncertainties
of data obey uniform distribution, the coverage factor K is √3. Then the uncertainties of the temperature
data acquisition instrument and the thermal couples are 0.346K, 0.1155K respectively. According to the
manufacturer instruction of DC power supply, the measurement errors of current and voltage are
0.5%rdg+0.02A and 0.5%rdg+0.2V respectively.
The uncertainty of the temperature data directly measured by FLUKE 2638A digital data logger
using thermal couples is 0.365K. Uncertainties of the current and voltage applied on the rod heaters are
listed in table 1. The maximum uncertainty of the heating power applied on the evaporation section is
1.5095W. Uncertainty of the overall thermal resistance of the T-shaped vapor chamber (TSVC) is
shown in fig. 4. The maximum uncertainty of the overall thermal resistance is 0.35K/W as the heat load
of 3.3w and fan voltage of 17V.
Table 1 Uncertainties of the current, voltage and power applied on the rod heaters
Current/
Error/
Uncertainty/ Voltage/
Error/
Uncertainty/ Power/
Uncertainty/
A
A
A
V
V
V
W
W
0.66
0.0233 0.01345
5
0.225
0.1299
3.30
0.6359
1.06
0.0253 0.01461
8
0.240
0.1386
8.48
1.0605
1.44
0.0272 0.01570
11
0.255
0.1472
15.84
1.5095
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Fig. 4 Uncertainty of the overall thermal resistance of T-shaped VC versus fan voltage
Physical model
A two dimensional physical model was developed to investigate the thermal hydrodynamic
characteristics of the working fluid inside the VC. As shown in fig. 2(b), the TSVC was divided into
three sections, including extended section, evaporation section and condensation section. Sintered
copper powder layer forms the wick structure of this vapor chamber. The copper powder has a diameter
of about 141μm. Heat load is applied on the evaporation section, which is 15mm long in 2D model. The
condensation section has a diameter of 39.5mm. Except the evaporation section and condensation
section, all other outer walls are assumed adiabatic. For simplifying the model, the heat sink of the VC is
equivalent to a convective heat transfer coefficient applied on the condensation section, and the
equivalent convective heat transfer coefficient is calculated based on eq. 4. Thicknesses of copper wall
and wick structure are 0.7mm and 0.4mm respectively. The thermo-physical properties of the copper
wall and wick are given in table 2. The effective thermal conductivity of the wick structure is determined
based on Maxwell’s equation [20], expressed in eq. 5. The boundary conditions are determined
according to the experiment setup. The initial temperature all through the vapor chamber and ambient
temperature are set as 298K.
𝑘𝑤𝑖𝑐𝑘 = 𝑘𝑤𝑎𝑙𝑙 {[2 + 𝑘𝑙 ⁄𝑘𝑤𝑎𝑙𝑙 − 2𝜀(1 − 𝑘𝑙 ⁄𝑘𝑤𝑎𝑙𝑙 )]/[2 + 𝑘𝑙 ⁄𝑘𝑤𝑎𝑙𝑙 + 𝜀(1 − 𝑘𝑙 ⁄𝑘𝑤𝑎𝑙𝑙 )]} (5)
Table 2 Thermo physical properties of the VC material and working fluid
Copper
Thermal conductivity
387.6W/m K
Specific heat
381J/kg K
Density
8978kg/m3
Wick
Thermal conductivity
104.874 W/m K
Porosity
0.644
Permeability
2.67 × 10−11 m2
Water
Thermal conductivity
0.6 W/m K
Specific heat
4182 J/kg K
Density
984.645 Kg/m3
Viscosity
0.000493 N s/m2
Water vapor
Thermal conductivity
0.0261 W/m K
Specific heat
2014 J/kg K
Density
0.116 kg/m3
Viscosity
1.34 × 10−5 N s/m2
Water/vapor
Latent heat of vaporization
2364.89 kJ/kg

Mathematical model and governing equations
According to the FHP network model proposed by Faghri [13], the liquid return process in the
wick is extremely important to the working fluid circulation, while it has little effect on the heat transfer,
thus neglecting the liquid-vapor interfacial convective heat exchange, and assuming that evaporation
and condensation of the working fluid take place smoothly at the wick-vapor interface. As stated in the
network model of Faghri [13], the vapor flow thermal resistance is considerably smaller than the other
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processes inside the heat pipe, thus the vapor core is treated as a constant temperature interface. Other
assumptions are listed as followings, as also stated in Ref. [21]:
1) A steady-state condition is established.
2) Laminar flow in both the vapor core and wick section.
3) The wick structure is isotropic and fully saturated.
4) The gravity influence is negligible.
Similar assumptions could also be found in Refs. [15] and [16] and the validity was confirmed.
The energy balance at the interface is then obtained based on the energy conservation and Fourier heat
conduction law, as shown in eq.6. The users-define functions (UDFs) were used to define the boundary
conditions and source terms.
𝑒−𝑤𝑖𝑐𝑘

𝑐−𝑤𝑖𝑐𝑘

𝑘𝑖 𝐴𝑖
𝑘𝑖 𝐴𝑖
(𝑇𝑖 − 𝑇𝑣 )] = 𝑄𝑐 = ∑ [
(𝑇 − 𝑇𝑖 )]
𝑄𝑒 = ∑ [
∆𝐿⁄2
∆𝐿⁄2 𝑣
𝑖

(6)

𝑖

Thus, the vapor core temperature is then determined as follows:
𝑘𝑖 𝐴𝑖
𝑘𝑖 𝐴𝑖
𝑇𝑣 = ∑
𝑇𝑖 )/ (∑
) (7)
𝑖 ∆𝐿
𝑖 ∆𝐿
𝑇𝑖 is the interface temperature, and ∆𝐿 represents the length of each grid cell. The
subscript 𝑖 represents the wick-vapor interface. The vapor core temperature 𝑇𝑣 is determined using the
Users Defined Function (UDFs). Ignoring the liquid flow in tangential direction [17], then the mass
conservation at each face of the liquid-vapor interface is determined as follows:
𝑚𝑖 = [𝑘𝑖 𝐴𝑖 (𝑇𝑖 − 𝑇𝑣 )]𝑒−𝑤𝑖𝑐𝑘 /(ℎ𝑓𝑔 ∆𝐿⁄2) = [𝑘𝑖 𝐴𝑖 (𝑇𝑣 − 𝑇𝑖 )]𝑐−𝑤𝑖𝑐𝑘 /(ℎ𝑓𝑔 ∆𝐿⁄2) (8)
𝑉𝑛𝑜𝑟𝑚𝑎𝑙,𝑙 = 𝑚𝑖 /(𝜌𝑙 𝐴𝑙 ), 𝑉𝑛𝑜𝑟𝑚𝑎𝑙,𝑣 = 𝑚𝑖 /(𝜌𝑣 𝐴𝑣 ) (9)
The continuity, momentum equations for wick region and vapor core and energy equation for the
solid wall and wick region, and the vapor core are list as follows:
𝜕𝜌
⃗)=0
𝜀
+ 𝛻 ∙ (𝜌 ∙ 𝑉
(10)
𝜕𝑡
⃗ ∙ 𝛻𝑉
⃗ = −𝜀𝛻𝑝 + 𝜇𝛻 2 𝑉
⃗ + 𝑆𝐷 (11)
𝜌𝑉
𝛻2𝑇 = 0
(12)
Details boundary conditions are listed in table 3. Users Defined Function (UDFs) is used to
calculate the local mass flux at each grid face of the interface based on eq. 5. The normal velocity at each
face of the interface is then obtained in eq. 6, and stored as a boundary file. The SIMPLE algorithm and
control volume method are employed to solve the governing equations using FLUENT 6.3.Convergence
of the energy equation is estimated as relative error between the heat input at evaporator wall and the
heat output at condenser wall is within ±0.05%.
Table 3 Boundary conditions of the numerical model
Wick-vapor interface
𝜌𝑙 ⃗⃗⃗
𝑉𝑙 = 𝜌𝑣 ⃗⃗⃗
𝑉𝑣
𝑇 = 𝑇𝑣 = 𝑇𝑠𝑎𝑡
Evaporation section
𝑘𝑤𝑎𝑙𝑙 (𝜕𝑇⁄𝜕𝑦) = 𝑞
Condensation section
−𝑘𝑤𝑎𝑙𝑙 (𝜕𝑇⁄𝜕𝑦) = 𝑘𝑐 (𝑇𝑐 − 𝑇∞ )
Adiabatic walls
𝑘𝑤𝑎𝑙𝑙 (𝜕𝑇⁄𝜕𝑦) = 0
Solid wall-wick region interface
𝑘𝑤𝑎𝑙𝑙 (𝜕𝑇𝑤𝑎𝑙𝑙 ⁄𝜕𝑛) = 𝑘𝑤𝑖𝑐𝑘 (𝜕𝑇𝑤𝑖𝑐𝑘 ⁄𝜕𝑛)
𝑣=𝑢=0
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Mesh independence and numerical model validation
Before the simulation analysis, mesh independence needed to be demonstrated by comparing the
results in different mesh numbers. Five mesh numbers (22060, 26696, 29482, 40200, and 58714) were
tested and compared. The heat flux was set as 2000W/𝑚2 on each side of the evaporation section. The
equivalent convective heat transfer coefficient at the condensation section and the ambient temperature
were set as 200W/(𝑚2 ∙ 𝐾) and 298K, respectively. Based on the comparisons results, the mesh
number of 40200 was selected for numerical calculation.
In order to validate the numerical model, the simulation results were compared with the
experiment conducted in this paper. Fig.5 shows the comparisons of the evaporation section temperature
of the numerical results and experiment results in this paper. It can be seen the maximum relative error
of the simulation result with the experiment results in this paper is less than 1%. Therefore, the
simplified numerical model proposed in this paper could be considered reliable.

Fig. 5 Model validation with the experiment results in this paper
Results and discussion
Fig. 6 shows the velocity and pressure distribution of the TSVC as the heat load is 15.84W, and
the cooling fan voltage is 11V. The circulation of the working fluid inside the TSVC is shown in fig.
6(a). Fig. 6(c) illustrates the pressure variation inside the vapor core. A-B section refers to the
evaporation section, while D-E section refers to the bottom space between the outlet of extended section
and condensation section. Pressure drop along the extended section is considered to include two parts
(∆𝑃𝐴−𝐵 & ∆𝑃𝐵−𝐷 ). The pressure drop ∆𝑃𝐴−𝐵 represents the pressure loss of the fluid at the evaporation
section, while ∆𝑃𝐵−𝐷 is the pressure drop vapor flowing along the extended section.
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Fig. 6 Velocity distribution of the working fluid in the T-shaped VC: (a) Circulation of the fluid in
T-shaped VC; (b) Fluid velocity distribution at evaporation section; (c) Pressure variation in
vapor core; (d) Fluid velocity distribution at condensation section
Because of the symmetrically located heat sources, the vapor flows into the vapor core in opposite
direction at the evaporation section, shown in fig. 6(b). The opposite direction flow could cause large
pressure loss, represented by ∆𝑃𝐴−𝐵 . The second part of pressure loss ∆𝑃𝐵−𝐷 is caused by the effect of
shear stress at the wick-vapor interface along the extended section and high vapor velocity. When the
vapor velocity is sufficient to entrain liquid returning to the evaporation section, the thermal
performance and evaporation in the evaporator will decline. And the shear stress at the wick-vapor
interface could hinder the flow of working fluid flowing to the evaporation section, worsen the
evaporation progress in the wick and cause dry-out situation. Fig. 6(c) indicates that the pressure drop
between the evaporation section and Ch18 location (represented by ∆PA−D) is much larger than that
between the location of Ch18 and the condensation section (represented by ∆PD−E ).
Ch18 and Ch19 (corresponding to T18 &T19) were the data acquisition channels of two thermal
couples located at the extended section, as shown in fig. 3. The overall thermal resistance of the TSVC is
considered to be divided into two parts: the thermal resistance between the evaporation section and
ch18, and the thermal resistance between ch18 and the condensation section.
𝑅𝑇ℎ−𝑇𝑐ℎ18 = ( 𝑇ℎ − 𝑇𝑐ℎ18 )/Q (13)
𝑅𝑇𝑐−𝑇𝑐ℎ18 = (𝑇𝑐ℎ18 − 𝑇𝑐 )/Q (14)
Variation of the ratio 𝑅𝑇ℎ−𝑇𝑐ℎ18⁄𝑅𝑉𝐶 and 𝑅𝑇𝑐−𝑇𝑐ℎ18⁄𝑅𝑉𝐶 versus heat loads and fan voltages is
shown in fig. 7. The thermal resistances 𝑅𝑇ℎ−𝑇𝑐ℎ18 and 𝑅𝑇𝑐−𝑇𝑐ℎ18 are defined and expressed in eq. 13
and 14. 𝑅𝑇ℎ−𝑇𝑐ℎ18 is the thermal resistance between the evaporation section of the T-shaped VC and the
location of ch18, while 𝑅𝑇𝑐−𝑇𝑐ℎ18 is the thermal resistance between the condensation section of the
TSVC and the location of ch18. It can be observed from fig. 7 that the thermal resistance (𝑅𝑇ℎ−𝑇𝑐ℎ18 )
between the evaporation section and ch18 occupies more than 60% of the overall thermal resistance
(R VC ). And the proportion of 𝑅𝑇ℎ−𝑇𝑐ℎ18 increases with the increase of heat loads. When the heat load is
15.84W, the proportion of 𝑅𝑇ℎ−𝑇𝑐ℎ18 is in the range of 75.8%~92.4% for different cooling fan
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voltages, while 𝑅𝑇𝑐−𝑇𝑐ℎ18 takes over only 7.59%~24.18%. The extended section of the TSVC is
considered to contribute the main thermal resistance proportion to the overall thermal resistance of the
TSVC.
𝛥 𝑙𝑛 𝑃 /𝛥𝑇 = ℎ𝑓𝑔 / (𝑅𝑔𝑎𝑠 𝑇2 ) (15)

Fig. 7 Variation of ratio 𝐑 𝐓𝐡−𝐓𝐜𝐡𝟏𝟖⁄𝐑 𝐕𝐂 and 𝐑 𝐓𝐜−𝐓𝐜𝐡𝟏𝟖⁄𝐑 𝐕𝐂 with different heat loads and fan
voltages
Since the thermal resistance could be represented by temperature difference, and according to the
Clausius-Clapyeron equation (eq. 15), the large pressure drop could result in large temperature
differences, similar results could also be seen in fig. 6. Since ∆𝑃𝐴−𝐶 is higher than ∆𝑃𝐶−𝐸 as shown in
fig. 6(c), the temperature difference ∆𝑇𝑇ℎ−𝑇𝑐ℎ18 is then larger than ∆𝑇𝑇𝑐−𝑇𝑐ℎ18 based on the
Clausius-Clapyeron equation. ∆PD−E is the pressure drop from the outlet of the extended section to the
condensation section, and is much small as compared to ∆PA−D, as shown in fig. 6(c), which causes
much smaller temperature difference than in the extended section.
The thermal performance of the TSVC was experimentally investigated by applying various heat
loads and cooling conditions (varied by the fan voltages). Temperature difference between the
evaporation section and condensation section is shown in fig. 8(a). It can be seen that the temperature
difference increases with the increase of cooling fan voltage and heat load. When the voltage applied on
the rod heaters is 11V, the heat load reaches 15.84W, and with the fan voltage of 5V, the temperature
difference between the evaporation and condensation section of the TSVC is 6.35K. However, as the fan
voltage is 17V, the temperature difference reaches 11.44K.

Fig. 8 Temperature difference between the evaporation condensation section (a) and variation of
the overall thermal resistance of T-shaped VC (b) versus different heat loads and fan voltages
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Variation of the overall thermal resistance (𝑅𝑉𝐶 ) of the TSVC versus heat loads and cooling fan
voltages are illustrated in fig. 8(b). The overall thermal resistance of this T-shaped VC increases with the
increase of cooling fan voltages. However, as the heat loads increases, the overall thermal resistance
decreases. When the voltage applied on the rod heaters is 5V, the heat load is 3.3W, and the overall
thermal resistance of the TSVC is ranging from 0.679K/W~1.826K/W, which is much higher than in
the other two heat loads conditions. The overall thermal resistance reaches the minimum value in all
these three heat loads conditions when then cooling fan voltage is 5V. And the minimum thermal
resistances of the TSVC corresponding to the heat load of 3.3W, 8.48W and 15.84W are 0.679K/
W, 0.499K/W, and 0.401K/W, respectively.
Conclusions
Both experiment and numerical analysis were conducted to investigate the heat transfer
performance of a T-shaped vapor chamber (TSVC) designed for the thermal management of motorcycle
high power LED lights. The influences of heat loads and cooling conditions on the thermal performance
of the TSVC were investigated experimentally. Results indicate that both the heat loads and cooling
magnitude have strong influences on the thermal performance of the TSVC, and the thermal resistance
in the extended section occupies most proportion of the overall thermal resistance of the TSVC. When
the heat load is 15.84W, the proportion of 𝑅𝑇ℎ−𝑇𝑐ℎ18 in the overall thermal resistance of the TSVC is in
the range of 75.8%~92.4% for different cooling fan voltages, while 𝑅𝑇𝑐−𝑇𝑐ℎ18 takes over
only 7.59%~24.18%.
Experiment results also suggest that the overall thermal resistance of the TSVC increases with the
increase of heat loads and cooling fan voltage. The minimum thermal resistances of the TSVC
are 0.679K/W, 0.499K/W, and 0.401K/W corresponding to the heat loads of 3.3W, 8.48W, and
15.84W and the cooling fan voltage is 5V, respectively. The proposed numerical model was validated
by comparing with the experiment results. The circulation characteristic of working fluid inside this
TSVC was obtained according to the simulation results. And the results indicate that large pressure drop
occurs along the extended section of the TSVC, which causes large temperature difference. Thus the
design of the extended section of this T-shaped vapor chamber plays an important role in enhancing the
thermal performance of this TSVC.
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Nomenclature
A
h
ℎ𝑓𝑔

Area [m2]
Distance [m]
Latent heat of vaporization [kjkg-1]

Greek
𝜀
λ

k
𝑘𝑐

Thermal conductivity [Wm-1K-1]
Convective heat transfer coefficient

𝜌
Subscript
10 / 12

Wick porosity
Thermal conductivity
[Wm-1K-1]
Density [kgm-3]

∆𝐿
𝑚𝑖
𝑝
Q
q
𝑅𝑔𝑎𝑠
R
T
𝑢𝑐
⃗
𝑉

[Wm-2K-1]
Side length of a control volume [m]
Mass flux [kgs-1]
Pressure [pa]
Heat transfer rate [W]
Heat flux [Wm-2]

c
e
i
l
normal, l

Gas constant

normal, v

Thermal resistance [KW-1]
Temperature [K]
The uncertainty
Velocity vector [ms-1]

sat
v
wall
wick
∞

Condensation section
Evaporation section
Wick-vapor interface
Liquid region
Normal direction in
liquid interface
Normal direction in
vapor interface
saturation
Vapor region
Solid wall
Wick structure
ambient
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