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Biodiesel plays a major role as one of the alternative fuel options in direct injection
diesel engines for more than a decade. Though many feed stocks are employed for
making biodiesel worldwide, biodiesel derived from domestically available non-ed-
ible feed stocks such as Jatropha curcas L. is the most promising alternative engine
fuel option especially in developing countries. Since experimental analysis of the
engine is pricey as well as more time consuming and laborious, a theoretical ther-
modynamic model is necessary to analyze the performance characteristics of
Jatropha biodiesel fueled diesel engine. There were many experimental studies of
Jatropha biodiesel fueled diesel engine reported in the literature, yet theoretical
study of this biodiesel run diesel engine is scarce. This work presents a theoretical
thermodynamic study of single cylinder four stroke direct injection diesel engine fu-
eled with biodiesel derived from jatropha oil. The two zone thermodynamic model
developed in the present study computes the in-cylinder pressure and temperature
histories in addition to various performance parameters. The results of the model
are validated with experimental values for a reasonable agreement. The variation
of cylinder pressure with crank angle for various models are also compared and
presented. The effects of injection timing, relative air fuel ratio and compression
ratio on the engine performance characteristics for diesel and jatropha biodiesel
fuels are then investigated and presented in the paper.
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Introduction

Biodiesel has been identified versatile fuel and promising potential diesel alternative
for diesel engine applications because of its characteristics such as renewable, biodegradable,
comparable energy density, easily producible, domestically available, non toxic, low emissions,
energy independent, and self reliant. Hence it has been in use for the past more than a decade, al-
though vegetable oil was employed by Rudolf Diesel in 1900 for his first ever diesel engine fuel
[1]. The lower cost of the petroleum diesel has so far attracted the world to use it as fuel in diesel
engines until now. But nowadays due to global political turmoil and other reasons the cost of pe-
troleum diesel has been increasing and crossing over the cost of some varieties of vegetable oil.
The developing countries can not afford to edible oil feed stocks for biodiesel production as they
are not self-sufficient for their culinary needs. Therefore these countries make their biodiesel
from non-edible feed stocks. Jatropha biodiesel is one of the most promising options among
these. Although there are many experimental studies of jatropha biodiesel engines, there is an
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obvious lack of thermodynamic models for analyzing their performance characteristics analyti-
cally.

In general the thermodynamic models depend on the equations which are based on en-
ergy conservation laws from the first law of thermodynamics. These models are classified into
three categories viz, zero-dimensional, phenomenological, and quasi-dimensional models. In
zero-dimensional models, geometric features of the fluid motion can not be predicted as flow
modeling is absent in it. In phenomenological models, some details in addition to energy conser-
vation equations can be built-in for each phenomenon. Whereas in quasi-dimensional models spe-
cific geometric features can also be incorporated to the basic thermodynamic equations [2, 3].

In the present work, a thermodynamic model has been developed to study the perfor-
mance characteristics of the Jatropha biodiesel engine. Using this model, pressure, temperature,
and other required properties are computed numerically for every crank angle step chosen. The en-
gine friction and heat transfer computations are also incorporated in the model using empirical
equations obtained from experiments reported in the literature. The ignition delay is also taken
into account in the combustion model. The heat release calculations of the model are based on
Wiebe’s empirical functions taking the premixed and diffusive combustions into account.

This two zone thermodynamic model is applied for the design and operating data of a
vertical single cylinder, four stroke, air cooled, direct injection diesel engine. Initially the engine
is operated with diesel fuel, subsequently jatropha biodiesel is used as fuel and then the results
are compared and analyzed. The model has then been validated by an experimental analysis car-
ried out at the author’s laboratory. The results of the present model are also compared with those
of zero-dimensional single zone thermodynamic model reported in the literature [4].

Gardner et al. [5] developed a mathematical model and analyzed the effect of com-
pression ratio on the different performance parameters such as thermal efficiency, mechanical
efficiency, ignition delay, mean effective pressure, maximum cylinder pressure, mechanical
friction, and blow by. Harris et al. [6] accurately predicted the fuel consumption, torque and
power of the different diesel engines using their universal mathematical model. Low heat rejec-
tion diesel engine was analyzed comprehensively using two zone combustion models and dif-
ferent heat transfer models by Tamilporai et al. [7] to simulate the engine heat release, cylinder
peak pressure and temperature, and heat transfer details on zonal and cumulative basis. Shroff et
al. [8] developed mathematical models of diesel engine to simulate and optimize the thermody-
namic processes. Annand [9] proposed an empirical formula to calculate the heat transfer in the
cylinders of reciprocating internal combustion engines. Way [10] presented methods to calcu-
late the gas composition and thermodynamic properties in engines. The mathematical models
are also developed for use in spark ignition engines to analyze various combustion parameters
and performances [11, 12]. Literatures report that artificial neural networks based models have
also been developed by many researchers [13-17] for studying the performances and emissions
of compression ignition and spark ignition engines, and different characteristics of fuel used
thereof.

Thermodynamic model description

A two zone thermodynamic model has been developed to study the performance of
vertical, single cylinder, four stroke, air cooled direct injection, compression ignition engine fu-
eled with diesel and jatropha biodiesel. The model is based on the first law of thermodynamics
equation. The staring point for the thermodynamic calculations is selected at the instant at which
the intake valve shuts up and the compression process commences. Since at this instant both in-
take as well as exhaust valves are closed, the thermodynamic system is a closed one. Hence en-
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ergy equation for the closed cycle period can be applicable, which has been obtained from en-
ergy conservation law. This equation states that the rate of change of internal energy is as a
result of rate of change of heat release, heat transfer, and work transfer. This closed cycle simu-
lation program models the compression, combustion, and expansion processes in the engine.
During these processes the properties in the cylinder are calculated for each crank angle step
chosen.

The compression process is analyzed by using ideal gas equation and polytropic pro-
cess law. During combustion process, the rate of heat release is calculated using an empirical
equation of double Wiebe’s function. This heat release function adequately administers the
combustion of two zones namely premixed and diffusive zones. The ignition delay is also taken
into account in the model and it is calculated by using the Wolfer’s relation. The compositions of
the gases are determined during the expansion process. The heat transfer is accounted for
throughout the closed portion of the cycle. These calculations are based on Pflaum’s relation.
The exhaust and intake processes are also analyzed by the cycle simulation with the gas ex-
change processes. The model can predict the power output of the engine more close to the actual
experimental values only if it takes into account the various frictional losses. Hence the various
empirical equations proposed by Bishop [18] have been incorporated in the model to account for
various frictional power losses.

First law of thermodynamics equation

The energy equation according to first law of thermodynamics for the present model

can be written in differential form as:
du_d9 _dw
dp dp do
where the first term in eq. (1) represents the rate of change of internal energy of the system, the
second term is meant for the rate of change of heat, and the last term is the rate of change of me-

chanical work done by the system on the boundary. Equation (1) after modification and substitu-
tion for various terms is written as:

du_do, d0, dW

(1)

- (2
dp do dp do
m%:dQ_hr_hAd_T_Rqu_V 3)
dp do dep dep

where m is the mass [kg], du/de — the rate of specific internal energy [kJkg 'deg™], dQ,, /dp — the
rate of combustion heat release [kJdeg '], dQ,, /dp — the rate of heat transfer from gases to walls
[kJdeg '], dW/d¢p — the rate of work done [kJdeg '], # — the convective heat transfer coefficient
[Wm2K!], 4 - the surface area of the heat transfer [m?], R, — the universal gas constant 8.314
kJ/kmolK, T — the instantaneous temperature [K] at any crank angle (¢), dV/de — the incremental
change in cylinder volume [m*deg '], and ¢ — the angular displacement with respect to bottom
dead centre [deg].

Cylinder geometry

The basic geometry of the diesel engine cylinder is shown in fig. 1. It is illustrated in
terms of cylinder bore diameter (D), length of stroke (L), length of connecting rod (/), and com-
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pression ratio (7). The displacement volume V, is swept out as the piston moves from the bot-
tom dead centre (BDC) to the top dead centre (TDC). The instantaneous engine cylinder volume
at any crank angle position (¢) is given by:

2
T l—cosp [ 1 | 2] .
V(ip)=Vy| ————L+——— || = | —sin? 4
@) -1 2 2a 2 (Lj ¢ @

C

where ¢ = 0 © when the piston is at BDC during the start of compression stroke and

av V|1 sin2p
dp 212 2
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Compression and expansion processes
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The variation of pressure and volume for every de-

gree crank angle is calculated during the compression
l BDC process. The heat transfer from the cylinder gases to
the walls is calculated from the start of compression to
the start of combustion using an empirical formula [3].

O L Vo= Vano Voo =4 D°L

~ \#— Connecing rod length. / Defining BDC during the compression process as zero
o degrees, the compression process begins at 30° after it.
<+ Crankradius, a The initial conditions in the cylinder at this time are

: ) close to the conditions in the intake. The intake condi-
N tions are given as input data along with atmospheric
conditions. The mass of the gas in the cylinder is calcu-
Figure 1. Engine cylinder geometry lated using the ideal gas equation. This defines the state
at the start of the compression process. The cylinder
gas composition at this state consists of air and residual gases. The model then steps through the
cycle in every crank angle degree increments. A polytrophic process calculates the cylinder con-
ditions throughout the compression and expansion processes with indexes of &, and k,, respec-
tively. For the compression stroke the composition in the cylinder is N, [kmol] of air and N,
[kmol] of residual gases. During the expansion stroke the composition N, [kmol] of products of
combustion is given by:

N,=N, + N, + N; (6)
where N, is the kilo moles of fuel injected during the injection process. The mole fractions of the
product gases are calculated based on the relative air fuel ratio.

Exhaust and intake processes

For exhaust and intake processes also called gas exchange processes, a control volume
analysis with mass and energy conservations gives the model equations as given below. The ex-
haust gas is assumed to behave like ideal gas in the present model.



THERMAL SCIENCE: Vol. 13 (2009), No. 3, pp. 69-82 73

d ldn 14V
Loy p| == (M)
do mde V dop exhaust
d_, [(RLdn Pdy @
d LV ode Vde ).
71 71 7-1
d—m:APo 2—y(£j ’ [ﬁJ " _1| when £<(7/—+lj ’ )
do RT(y =D\ po Po Do 2
dm _ (10)
de

where, for exhaust process, p is the cylinder pressure [bar], and p,, — the exhaust manifold pres-
sure [bar], and for intake process, p is the intake manifold pressure [bar] and p, — the cylinder
pressure [bar], yis the specific heat capacity ratio of the gas, 4 — the effective area of opening for
the gas flow [m?], 7, — the specific heat ratio of products, y, — the specific heat ratio of reactants,
m — the mass of the gas [kg], and dp/dg — the pressure drop due to heat transfer [bar deg™'].

Combustion model

The combustion process can be described with varying complexity and accuracy. Nor-
mally the degree of complexity is decided based on the number of zones in which the cylinder
has been divided. In the present modeling, the combustion process is taken to occur in two
zones, namely premixed zone and diffusive zone. The two stage behavior of combustion heat re-
lease rate curves are commonly identified as premixed combustion and diffusive combustion re-
gardless of the operating conditions. Adequate curve fitting to this two stage combustion rate
curves resulted in double Wiebe’s function which is given by eq. (11). The heat release rate in
these zones is calculated by using this equation. The different empirical heat release rate con-
stants proposed by Wiebe’s [19] are used for each zone of the combustion process:

d Q Mp Mp”
w6050 (3, 41) 2| exp-69] 2 +
d(D (pp (pp (pp

Md Md+l
692 (11 2| exp —6.9££J
(pd (pp (pd

The time delay between the start of injection and the start of combustion (the start of
detectable heat release) is defined as the ignition delay period. In the combustion model the igni-
tion delay is also taken into account. The ignition delay period is calculated by integrating
Wolfer’s relation [3] using trapezoidal rule.

(1)

Ignition delay
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Heat transfer

Heat transfer has become inevitable in any internal combustion engine so as to main-
tain cylinder walls, cylinder heads and pistons at secure in service temperatures. Heat is trans-
ferred from or to the working fluid during every part of each cycle. The rate of heat transfer is
given by the eq. (14).

dQ—ht:hAd—T:hA(Tg — T, )At (14)
dp do

where £ is the convective heat transfer coefficient [Wm2K™!], 4 — the internal surface area of
cylinder volume [m?], T,, — the inside surface wall temperature [K], and T, — the working fluid
temperature [K]. The empirical formula proposed by Pflaum [3] for the heat transfer in the inte-
rior surface of cylinder volume given by eq. (15) has been used in the model to compute the heat
transfer coefficient:

h=\p, T,£(C,) where f(C,)=3+2.57{1 exp[+(1.5-0415C,)]} (I5)

P, 1s the pressure [bar], C, — the mean piston speed [m min.”'], and T, . — the mean gas tempera-
ture [K].

Frictional losses

Some portion of the power developed in the engine cylinder has been absorbed to
overcome friction in various parts. In addition, to surmount inlet and throttling losses and pump-
ing losses, a part of the power output is consumed. The empirical relations proposed by Bishop
[18] are employed in the present model to calculate the various frictional losses. The various
losses that are taken into account are mean effective pressure lost to overcome friction due to the
gas pressure behind rings, friction due to wall tension of rings, friction due to piston and rings,
inlet and throttling losses, friction due to valve gear, bearing friction, pumping losses, combus-
tion chamber and wall pumping losses, and blow-by loss.

Gaseous mixture properties

Generally in combustion process, fuel and oxidizer react to produce products of differ-
ent composition. A general formula for the composition of fuel can be represented as C,H,,O,.
The five species of combustion products considered in the present model include CO, CO,,
H,0, N,, and O,. The chemically correct amount of oxygen required for combustion per mole of
fuel can be given by the equation:
m o r
Ny, =n+ 273 (16)
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where, n, m, and r are the number of moles of carbon, hydrogen, and oxygen atoms in one mole
of fuel, respectively.

The various properties of the gaseous mixture such as, specific heat capacity at con-
stant pressure, internal energy, and enthalpy are functions of gas temperature and its composi-
tion. The gaseous mixture composition depends on the relative proportions of fuel and air fed to
the engine, fuel composition, and completeness of combustion. If the combustion system is adi-
abatic and the process of combustion is complete then the temperature of gaseous mixture, being
the maximum value, is called adiabatic flame temperature. The adiabatic flame temperature of
the gaseous mixture is computed using the iterations of Newton-Raphson method because it
converges more rapidly than the other methods. The following equations are used to calculate
the various properties of the mixture [2].

U=k +(k-R)T+ kIn(T), U, =ky+ (ks = R)T + ken(T) (17)
Hy =k + kT +kin(), H, =k, + kT + kIn(7) (18)
k k
C, :k2+?3, szzk5+76 (19)
ks kg
Cyi = (k, —R)+7, Cy, = (ks _R)+? (20)

where k|, k,, and k; are coefficients of polynomial equation for 400 < 7'< 1600, k,, ks, and k4 are
coefficients of polynomial equation for 1600 < 7'< 6000, U is the internal energy [kJkmol™'],
— the enthalpy [kJkmol™'], C, — the specific heat capacity at constant pressure [kJkmol'K1], C,
— the specific heat capacity at constant volume [kJkmol'K!], R — the universal gas constant
[kJkmol'K™], suffixes 1 and 2 of U, H, G, and C, are for lower and higher temperature ranges,

respectively, and 7 — the adiabatic flame temperature [K].
Computational procedure

A computer code has been developed using Fortran Power Station version 4.0 and the
various equations of the thermodynamic model described in the section Thermodynamic model
description are solved numerically. Then the Fortran program code is executed on a Pentium-IV
personal computer. The fuel parameters viz, mole numbers of carbon, hydrogen, and oxygen,
heating value, molecular weight of the fuel and cut off ratio, the engine geometrical parameters
(bore, stroke length, connecting rod length, piston skirt length, and number of piston rings), mo-
lecular weight of gaseous products and the various constants used in the model are defined in the
Data Subroutine. Compression ratio, relative air fuel ratio, Wiebe’s constants for premixed and
diffusive combustion zones, engine speed, inlet conditions, and atmospheric conditions are
given as input parameters through an input file. The number of moles of exhaust gas constituents
are calculated from the air fuel ratio and molecular formula of the fuel employed. The various
properties of the gaseous constituents are calculated as a function of temperature for each degree
crank angle. Newton-Raphson method is used to solve for adiabatic flame temperature of the
gaseous mixture. The cylinder volume at every degree crank angle is computed from the cylin-
der geometry. The ignition delay is calculated with help of Wolfer’s model. The heat release due
to combustion in the two zones is computed using the double Wiebe’s heat release correlation.
Pflaum’s heat transfer coefficient model has been employed to determine the heat transfer be-
tween the gases and the engine cylinder walls. Then the temperature of the gas in the cylinder at
each crank angle step is computed using Runge-Kutta fourth order algorithm. Finally the pres-
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sure of the gas in the cylinder at every crank angle step is calculated. Then the frictional power
losses are calculated using Bishop’s empirical relations. The various outputs of the computer
program are pressure, temperature, volume at each crank angle step, maximum pressure of the
cycle, maximum temperature of the cycle, indicated mean effective pressure, brake mean effec-
tive pressure, indicated power, brake power, indicated thermal efficiency, brake thermal effi-
ciency, volumetric efficiency, and mechanical efficiency.

Experimentation

In the present investigation a vertical, single cylinder, four stroke, direct injection, air
cooled, Greaves Cotton — 4360, diesel engine has been used. The specifications of the engine are
listed in tab. 1. The schematic diagram of the experimental set up employed in the present work
is shown in fig. 2. The engine was loaded by an AVL alpha-20 eddy current dynamometer rated
at 20 kW. An AVL-GM 12D miniature pressure transducer connected with the charge amplifier
and an eight channel OROS OR38 data acquisition system were used to measure the cylinder
pressure histories. An AVL Angle Encoder-333 was used to detect TDC. AVL fuel consump-
tion meter was used to measure the fuel consumption rate. The diesel and Jatropha biodiesel,
whose properties are listed in tab. 2, were used in the experimental tests. All the experimental
tests were carried out at a speed of 1500 rpm, 60% load and injection timing of 27° before TDC.

Table 1. Engine specifications

Diesel tank

1
LR AN 2. Jatropha biodiesel tank
'.,‘ ) | /J 3. AVL fuel consumpticn meter
Make Greaves cotton = RS- 4. At low mater
o = 1 2 5. Test engine
‘ % ‘) 1 U“; ‘ & AVL eddy current dynamameter
== == 7. TDG, spesd pick ups
Model 4360 s 8. Exhaustgas outlat
9. AVL cantral panel
‘ | 12 3 10. Lub. ail prescure & temp. indicators
Bore 82 mm 11. Dyno. Gooling water temp. indicatars
12. Fuel cansumption meter indicator

13. Dynamameter controller — 2014

[l 13 R

- 2iA 14. Torque and speed indicators
StrOke 68 mm ] o [} 15. Signal conditioning rack
16. Throttle actuator
17. Data acquisition system and PG

Displacement 359 cm? I 4 —
| | . .,

Specific fuel 0.299 kg/kWh — || 19| 5! ,
consumption J iy §

[ I = e O
Rated power 5kW = I w —jT: ‘
Rated speed 3600 rpm Figure 2. Schematic diagram of the experimental setup

Table 2. Properties of diesel and jatropha biodiesel Results and discussions
Property Diesel Jatropha biodiesel

The present model is tested
Molecular formula CioHa, CaH2405 with petroleum diesel and Jatropha
biodiesel as fuels in the diesel en-
gine. However, the code has been
Calorific value [kJkg '] 42480 38450 developed in such a way that it is
suitable for any hydrocarbon fuel
of molecular formula C H,O,. The
performance parametric studies
Flash point [°C] >0 175 can be carried out and the effects of

Specific gravity 0.845 0.880

Kinematic viscosity (cSt.) 3.9 4.8
at40 °C
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variation of different parameters on the performance of the diesel engine can be analyzed and in-
vestigated by using the model.

In the present investigation, the effects of variation of compression ratio, relative
air-fuel ratio, and injection timing on the performance characteristics of the diesel engine fueled
with diesel and jatropha biodiesel, are analyzed using the present two zone model and their re-
sults are reported. The instantaneous in-cylinder pressure with respect to crank angle is also
computed using the model and compared with experimental values and single zone model. Fig-
ures 3 and 4 show that the instantaneous in-cylinder pressure values predicted by the present
model are closer to the experimental values than that of the single zone model for diesel as well
as Jatropha biodiesel fuels. Though all the pressure variation curves seem to be in similar trends,
it can be observed that the trend of the single zone model, for the crank angle duration of about
170° CA to 190° CA, is quite different (fig. 3 and 4) and hence its peak pressure value and its an-
gle of occurrence are apparently shifted away from the experimental one. This is because of the
limitation that the single zone model can not handle premixed and diffusive combustions. How-
ever with the present model the predicted cylinder pressure values are comparatively closer to
the experimental, because premixed and diffusive combustions are adequately handled and in
addition, the heat transfer calculations are better in this model.

80 : 80
5'70 | Diesel §70 Jatropha biodiesel
=<3 ~Experimental 277 A _
260- /\ —Single zone model 260 [S— E\)I(vgezrmeenrg?del
3 3
250 5 Two zone model 250 \ — Single zone model
© ©
0 40- @ 40|
30- 301
20- 20/
10- 101
0 ‘ ‘ ‘ ‘ ‘ ——— 0 : ; i
0 50 100 150 200 250 300 350 400 0 50 100 150 200 250 300 350 400
Crank angle [deg] Crank angle [deg]
Figure 3. Comparison of cylinder pressures of Figure 4. Comparison of cylinder pressures of
diesel jatropha biodiesel
Injection timing
Figures 5 to 9 show the effects of injection a5
timing on brake thermal efficiency, mechanical g ,, [CR=165RAF=15 = Diesel
. . K e m Jatropha biodiesel
efficiency, volumetric efficiency, brake mean i 331
. =
effective pressure, and peak temperature and ¢ 32
their comparison between jatropha biodiesel % 2:)
and diesel fueled engine. It can be noted that the g 5q |
highest brake thermal efficiency is obtained at £ 25|
the rated injection timing (27° before TDC)and £ 271
increase or decrease of this timing, slightly © Sg
lowers the brake thermal efficiency for diesel 123 143 153 163 173

Injection timing [deg. Cal

as well as for Jatropha biodiesel (fig. 5). It is
shown in ﬁg- 6 that ‘fhe same trend is followed  pigure 5. Effect of injection timing on brake
in mechanical efficiency also. However, the  thermal efficiency
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brake thermal efficiency of diesel at any injection timing is greater than that of Jatropha
biodiesel, whereas the mechanical efficiency is in the other way round. The respective reasons
are, Jatropha biodiesel has lower calorific value due to its oxygen content and better lubricating
characteristic compared to that of diesel. Hence the model predicts that diesel engine can effec-
tively be operated with Jatropha biodiesel at an injection timing of 27° before TDC.

75 f 97
oy = = oDiesel - B
& 747 CR =165 RAF =15 mlatropha biodiese F CR=185 RAF=15. = Diesel
73 . ® Jatropha biodiesel
872 £
=} ]
£ 711 £
N a
| 70 o 96
= 89 =
2 o7] 3

66

651

153 163 173 153 163 173
Injection timing [deg. CA] Injection timing [deg. CA]

Figure 6. Effect of injection timing on Figure 7. Effect of injection timing on volumetric
mechanical efficiency efficiency

Volumetric efficiency is a measure of the effectiveness of induction process (gas ex-
change process) of four stroke cycle diesel engine. In general it is affected by fuel type, engine
design, and engine operating parameters. Figure 7 shows the effect of injection timing on volu-
metric efficiency of the engine tested in the model. It may be observed that the injection timing
has little effects on volumetric efficiency and it is almost consistent for both fuels. The same
trends are seen for brake mean effective pressure also (fig. 8). However, the retardation of injec-
tion timing resulted in lower peak temperature of the cycle with both the fuels is shown in fig. 9.
But the peak temperature of the Jatropha biodiesel is greater than that of diesel and this may be
because, the Jatropha biodiesel having higher bulk modulus, leading to earlier injector needle
lift and results in earlier fuel delivery to the chamber, compared to that of diesel.

1450

g ; CR=16.5 RAF =15 Diesel
= - oDiesel — : oliese

.‘% 7 LRSS, BAES 15 m Jatropha biodiesel E‘14DO = Jatropha biodiesel
[5 @
£ 6 3
2= 1350
S5a5 7]
o2 2
£ g4 E 1300
232 X
g 812501
m 821 a

1 1200

o 1150 ‘ -

153 163 173 133 143 153 163 173
Injection timing [deg. CA] Injection timing [deg. CA]

Figure 8. Effect of injection timing on brake Figure 9. Effect of injection timing on peak
mean effective pressure temperature

Compression ratio (CR)

As the compression ratio is increased, the gaseous mixtures are compressed to high
pressure in the compression process, which is shown in fig. 10. The variation of the pressure in-
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side the combustion chamber for different compression ratios of jatropha biodiesel fueled en-
gine is presented in fig. 10 and the same trends are obtained in the case of diesel fueled engine
also. It is indicated in fig. 11 that the increase in compression ratio results in increased thermal
efficiency with both the fuels. It can also be noted that this increasing rate of brake thermal effi-
ciency in the case of jatropha biodiesel as well as of diesel is almost the same. However the
brake thermal efficiency of jatropha biodiesel is always less than that of diesel fuel at any value

~
o

Jatropha biodiesel

o

S o
2, A —CR=16.0
2 50 —-CR=16.5
2 —-CR=17.0
© 40
o

30

20 1

101

0 . ,.u.m—-""/ . . . ; = .

0 50 100 150 200 250 300 350 400

Crank angle [deg.]

Figure 10. Effect of compression ratio on
cylinder pressure

of compression ratio. This may be because of its
inefficient combustion process. Figure 12
shows that mechanical efficiency increases
with the increase of compression ratio for both
the fuels. Although the rate of increase of me-
chanical efficiency is not substantial, it is found
to be significant between compression ratios of
16.0 and 16.5. However, with jatropha biodie-
sel, the mechanical efficiency is significantly
higher than that of diesel and this indicates that
frictional power losses with jatropha biodiesel
is less due to its better lubricity value.

The effect of compression ratio on brake
mean effective pressure is shown in fig.13. It
can be seen that as the compression ratio in-
creases, the brake mean effective pressure of
both the fuels increases. Also at any compres-
sion ratio the brake mean effective pressure of
jatropha biodiesel is always greater than the
diesel fuel operation, which proves again that
there are lower frictional power losses with
jatropha biodiesel operation. As the compres-
sion ratio is increased, the gaseous mixtures are
compressed to high pressure in the compression
process, which also leads to higher tempera-
tures. The high pressure and temperature of the
mixtures increases its burning rate, leading to

€3]
&l

RAF = 1.5, 2 Diesel o
2;' Inj. timing = 153 deg. CA = Jatropha biodiesel
321

Brake thermal efficiency [%]

%ﬁﬁ“““

165 17
Compressmn ratio

Figure 11. Effect of compression ratio on brake
thermal efficiency

75
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Mechanical efficiency [%)]

72-
71
70
69
88
67 -
66 -
65

Compressmn rallo

Figure 12. Effect of compression ratio on
mechanical efficiency
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Figure 13. Effect of compression ratio on brake
mean effective pressure
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o P TRAF ST s, . higher peak temperature which is shown in fig.
< Ay B .
g 0N HiTiNg = 103080, C0 RS 14. Also it can be seen that the peak temperature
T 14004 of the jatropha biodiesel is greater than that of
€ . . . ..
£ 1350 diesel. This may be due to its advanced injec-
g 1300 tion of jatropha biodiesel because of its higher
& <250 bulk modulus compared to that of diesel.

1200 | ) ) )

- Relative air-fuel ratio (RAF)

15 155 16 185 17

Compression ratio The effectiveness of air utilization in com-

bustion is well represented by relative air-fuel
ratio. Its effects on the brake mean effective
pressure and peak temperature are analyzed
with the present model. The effect of relative
air-fuel ratio on brake mean effective pressure is shown in fig. 15. It is shown that as the relative
air-fuel ratio increases, the brake mean effective pressure decreases for diesel as well as for
Jatropha biodiesel. This is because the mixture becomes leaner for the increased relative air-fuel
ratio, leading to lower thermal energy release and hence results in lower brake mean effective
pressure. However, the brake mean effective pressure is greater, as expected, in the case of
jatropha biodiesel for any value of relative air-fuel ratio. Figure 16 shows that the peak tempera-
ture is reduced for an increased relative air-fuel ratio for both fuels. But the peak temperature of
Jatropha biodiesel is greater than that of diesel for any value of relative air-fuel ratio. This may
be due to the reason that Jatropha biodiesel, having oxygen content in the molecule, approaches
complete combustion and in turn more energy release that results in higher peak temperature
than that of the diesel fueled engine.

Figure 14. Effect of compression ratio on peak
temperature
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Figure 16. Effect of relative air-fuel ratio on

Figure 15. Effect of relative air-fuel ratio on
peak temperature

brake mean effective pressure

Comparison of calculated and experimental cylinder pressure

Figure 17 shows the calculated and experimental cylinder pressure variations with re-
spect to crank angle. The numerically computed values of instantaneous pressure and experi-
mentally measured values are compared for jatropha biodiesel as well as for diesel fuel opera-
tion at the same operating conditions. The trends of the cylinder pressure characteristic curves
for Jatropha biodiesel and diesel models and experimental are almost similar in nature. Also the
predictions of the model are very close to the experimental one. However, the peak pressure val-
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60 . .
¥ ues, respectively, for diesel and Jatropha
=501 biodiesel models, 55.402 bar, 56.95 bar occur at
g 201 2° and 3° crank angle after TDC.
¢
& 301 C .
onclusions
207 — Diesel model
10/ " Jatropha model A two zone thermodynamic model is devel-
-=-Jatropha experimental .
- Diesel experimental oped and the effects of operating parameters on
0 T T T T . .
160 170 180 100 200 010  the performance of the engine are studied. The
Chank angle [deg.] results showed that for both the fuels, any
Figure 17. Comparison of calculated and experi- change in the rated injection timing def:rea.SGd
mental cylinder pressure the brake thermal and mechanical efficiencies,

while retarded timing decreased the peak tem-

perature. The increase in compression ratio in-
creased all the above parameters, while increase in relative air-fuel ratio decreased brake mean
effective pressure and peak temperature with both the fuels. The in-cylinder pressure histories
computed by the model for the diesel and Jatropha biodiesel fueled diesel engine are closer to
the experimental pressure data than that of the single zone model results. Hence, it is concluded
that the two zone thermodynamic model can be used to predict the performance characteristics
of the Jatropha biodiesel fueled diesel engine.
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